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Abstract: The rotordynamic stability of journal gas foil–polymer bearings (GFPBs) applied to a
dual-rotor bearing system was investigated. The GFPB has a high damping structure, i.e., it has an
additional polymer layer, and top/bump/bottom foil structures. Test GFPBs were fabricated with
nitrile butadiene rubber polymer layers with a thickness of 2 mm. Static-load-deflection tests of test
gas foil bearings (GFBs) and GFPBs were performed to estimate the geometric bearing clearance
(200 µm). The dual-rotor rotordynamic test rig consisted of a motor rotor, test rotor, and beam-type
coupling. Two journal test bearings were installed on both the drive-end and non-drive-end sides
of the test rotor. Predicting and testing the natural mode characteristics of the dual rotors revealed
that the relative error between them was less than 7%, indicating that the first and second natural
frequencies were 15 Hz and 160 Hz, respectively, and the third natural frequency was 1835 Hz in the
tests. Based on the API 612 standard, the upper limit of the rotating speed for the test rig was limited
to be approximately 92 krpm with a separation margin of 26%. Rotordynamic tests were conducted
to examine the stability performance of GFBs and GFPBs, where the adjusted bearing clearance was
150 µm. The test results indicate that GFPBs have better stability performance in terms of delaying
and suppressing unstable vibrations than GFBs. Specifically, GFPBs showed stable synchronous
and subsynchronous responses up to a maximum rotating speed of 80 krpm. As a result, GFPB is
a reliable lubricating element that can be used for vibration dampening in machines operating at
relatively low temperatures.

Keywords: gas lubrication; gas bearings; rotordynamics; polymer layer; rotordynamic instability

1. Introduction

Recently, gas bearings have been used as a key lubrication technology in high-speed
rotating machines because of the advantages of low friction, high speed, and high-precision
operation owing to gas lubrication properties [1]. However, air, a compressible fluid, is
used as a lubricant, resulting in a relatively low load-carrying capacity and vulnerability
to rotordynamic instability while driving. To overcome these limitations, gas bearings
typically require additional structures [1,2].

A bump-type gas foil bearing (GFB) is a type of gas bearing with an arched bearing
structure. The bearing structure of the GFB consists of a bump and top foils, as shown in
Figure 1. The foil structure is located between the journal and the bearing housing. The top
foil has a smooth bearing surface to form a hydrodynamic pressure. The bump foil has an
arched elastic structure, which improves the load-carrying capacity [3]. One end of the foil
structure is spot-welded to a bearing key, which is inserted and secured into the housing
keyway to hold the foil structure in place. In addition, the sliding effects between the
bump foil and the top foil/bearing housing provide dry friction damping. This improves
rotordynamic stability [4,5]. In addition, GFBs have the advantages of simple construction,
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light weight, and high-temperature operation; they are mainly applied to high-speed and
light rotating machines: small turbines, motors, and generators.

On the other hand, GFBs become unstable and too sensitive usually in high speeds
due to the subsynchronous instability, i.e., the oil whip and oil whirl phenomena. The oil
whirl phenomenon corresponding to the 0.5× component of rotating speed and the oil
whip phenomenon fixed to the natural frequency of the system are the major instabilities
experienced by rotors supported by gas foil bearings [6].

One way to inhibit the instability in rotors is to apply mechanical preload to the GFB.
Kim et al. [7] conducted an experimental study on the effect of mechanical preload on
rotordynamic performance of GFB. Mechanical preload was applied by inserting three
metal shims under the bump foil of the GFB at 120◦ in circumference. They demonstrated
that the mechanical preload improves bearing load-carrying capacity and reduces the
subsynchronous instability.
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Figure 1. Schematic view of a one-pad journal GFB and GFPB and their sub-structures [8].

Another way to inhibit the instability effectively is the insertion of high-damping
materials into the GFB. For example, there is a gas foil–polymer bearing (GFPB) proposed
by Sim and Park [9]. The GFPB is a bearing with an additional polymer layer inserted into
the existing GFB structure, which has a thickness of several millimeters. Figure 1 shows
the structures of the GFPB and GFB. The polymer layer was inserted between the bottom
foil and bearing housing. Technically, it provides additional hysteresis damping of rotor
vibrations, which serves to reduce sudden impact or large amplitude vibrations of the rotor.

Sim and Park [9] determined that the GFPB structure has 200% to 400% higher damp-
ing properties compared to the GFB structure through structural excitation experiments.
Furthermore, rotordynamic experiments with a single rotor system were conducted by
applying the GFPB and GFB. They found that the GFPB could delay the occurrence of
instability at the same bearing clearance by 35%. Furthermore, they established a simple
structural model for GFPBs and demonstrated bearing stability performance with respect
to the polymer layer thickness in [8]. The study showed the selection of the appropriate
thickness of the polymer layer is required to improve structural stiffness and damping
characteristics; the 3 mm thickness is the best in the study.
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Lee et al. [10,11] proposed a viscoelastic foil bearing (VEFB) with viscoelastic material
inserted between the top foil and bearing housing of the GFB. Two degrees of freedom
excitation experiments determined that VEFB has approximately 150% load-direction direct
damping compared to GFB. This demonstrated the effect of improving GFB damping
properties due to the insertion of high-damping materials

Zyywica et al. [12] presented a polymer-coated bearing on the top foil of a GFB to
reduce bearing friction. The thermal properties of the bearing were evaluated through
driving experiments at room temperature and high temperatures (25 ◦C and 100 ◦C, respec-
tively). As a result, stable operation was possible while maintaining rotor vibration below
0.05 mm at high temperatures. It was also confirmed that the top foil was in good wear
after the test evaluation.

Schilling et al. [13] presented a nonlinear structural model of a gas polymer bearing.
The viscoelastic model of the polymer used nonlinear element models, the generalized
Maxwell model, and the generalized Kelvin–Voigt model. The structural model is duc-
tile with a rotator vibration response analysis in the time domain, predicting the rotator
vibration orbit.

In this study, the dynamic stability of bearings was investigated by applying GPFB to
a dual rotor system, and the stability was compared with GFB to intuitively understand the
results. Tests GFPB and GFB were fabricated and tested with static load deflection tests
to estimate bearing clearance. The dual rotor mechanics system was analyzed through FE
analysis and modal test with natural frequency and mode shape. Finally, the stability of
GFPB and GFB was investigated with a dual rotor system under the same conditions, and
the bearing stability aspect was comparatively analyzed in the high-speed operation area.

2. Bearing Fabrication and Characterization Tests
2.1. Fabrication of Test Bearing

Figure 2a shows the GFPB’s bump foil fabrication process. The top/bump/bottom
foil structure was made of Inconel X-750 steel plates with a thickness of 127 µm by Table 1.
Inconel X-750 is suitable for bearing foil structures because of its high elastic deformation
and high heat resistance with Ni–Cr alloys [14]. In addition, the top foil was coated with
20 µm thick MoS2 to reduce friction during the initial drive and stop. MoS2 has a higher
load-carrying capacity and a lower friction coefficient than other solid lubricants. The bump
was molded by compressing molds with bump shapes into a hydraulic press machine. The
hydraulic press machine applied a load of 177 kN (approximately 18 tons) to the bump foil.
This is the load under which the bump foil is perfectly molded [15].
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Table 1. Test bearing design parameters.

Part Parameters Values

Test bearings
Length 35.00 mm

Geometric clearance (designed) 0.20 mm
Geometric clearance (adjusted for tests) 0.15 mm

Bump foil

Thickness 0.13 mm
Bump height 0.50 mm
Bump pitch 4.57 mm

Bump half length 1.81 mm
Material Inconel X-750

Polymer layer
Thickness 2.00 mm

Width 35.00 mm
Material Nitrile Butadiene rubber

The manufactured GFBs and GFPBs are shown in Figure 2b. The polymer layer of
GFPB used a type of natural rubber, nitrile butadiene rubber (NBR). NBR is used as an
o-ring and seal because of its excellent oil resistance and wear resistance. It has a stable
heat resistance of −55 ◦C to 125 ◦C. NBR has better damping properties than commonly
used engineering rubbers, such as natural rubber, styrene butadiene rubber, and ethylene
propylene diene monomers, making it suitable for vibration reduction [16,17]. Therefore,
in this work, an NBR polymer with a thickness of 2 mm and width of 35 mm was applied
to the bearings.

2.2. Measurement of Clearance in Test Bearing

In general, the normal clearance of gas bearings is not clearly identified in most
applications [15]. The bearing clearance of the GFB and GFPB is defined as the air gap
between the journal and the foil. Bearing clearance is the most important characteristic for
determining the performance of bearings. Therefore, it is important to keep the clearance
constant during the test. A common way to measure the bearing clearance in GFBs and
GFPBs is to use the static load–deflection test proposed by Rushitto et al. [18].

Figure 3 shows a static load–deflection test rig using a lathe. Both sides of the stationary
shaft are fixed by connecting it to the main stock and tail stock. The test gas bearing
mounted on the stationary shaft is connected to the load cell and tool stock and transferred
in the Y-direction. If the transfer range exceeds the bearing clearance, mechanical contact
between the bearing substructure and the stationary shaft occurs. At this point, the reaction
force is measured in the load cell. The displacement sensor measures the transfer distance
of the bearings.

Figure 4 shows the measured static load and bearing transfer distance for the GFPB and
GFB. The load–displacement curve of the structure can be analyzed as a hysteresis curve.
The slope of the hysteresis curve represents the ratio of the static load to the displacement,
i.e., the coefficient of stiffness. The area of the curve represents the energy dissipated
by damping [19]. Therefore, the experimental results indicate that GFPB has relatively
low structural stiffness and high damping compared with GFB. Note that the results of
the dynamic loading tests for the same bearing structures in [9] showed that the GFPB
structure has higher damping properties of 200–400% than the GFB structure, mainly due
to significant hysteresis damping of the polymer layer in the GFPB.

Meanwhile, a large nonlinear behavior occurs near ±200 µm. This is judged to be
nonlinear by increasing the contact area of the shaft and bearing structure as the bearing
transfer distance exceeds the bearing clearance. Therefore, it can be assumed that the region
before the load increases nonlinearly, i.e., the displacement region close to null stiffness
region, is equal to twice the bearing clearance (=2 × Cr). As a result, the clearances of the
two bearings were measured as approximately 200 µm.
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3. Verification of Mode Properties of a Dual-Rotor
3.1. Dual-Rotor Rotordynamic Test Rig

Prior to the rotordynamic test, the natural frequency and mode shape properties of
the dual-rotor rotodynamic test rig were considered. In the case of a single-rotor system
supported by gas bearings, the first two eigenmodes occur in the rigid-body modes, the
cylinder and the conical mode, so that the system is rarely dangerous due to excessive
vibration. However, in the case of a dual-rotor system, since the first two eigenmodes occur
as a bending mode of the coupling, excessive vibration may break the coupling and cause
the rotor to disengage. Therefore, in the dual-rotor system, it is essential to understand the
natural mode characteristics of the system in advance before rotordynamic tests.

Figure 5 shows a dual-rotor rotodynamic test rig. The test rig consists of a high-speed
motor and a test rotor powered by the electric motor. The motor is a 13-kW permanent-
magnet type that can run up to 100 krpm [9]. The motor rotor and the test rotor are
connected by a beam-type coupling for power transfer.
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Figure 5. Dual-rotor rotordynamic test rig: (a) schematic view of the test rig and sensor locations,
and (b) photographs of the test rig, rotors, and a coupling.

The motor rotor is supported by two journal GFBs, with a diameter of 40 mm, length of
237.5 mm, and mass of 2.0 kg. The detailed motor rotor dimensions and inertial information
are described in [9]. The test rotor is supported by two journal GFBs or GFPBs, which
can be replaced by bearings depending on the test conditions. The test rotor is made of
high-temperature material, Inconel 718, in the form of a hollow shaft. Its diameter and
length are 40 and 245 mm, respectively, and its mass is 1.338 kg. Information on the rotors
and couplings is presented in Table 2. Meanwhile, the rotordynamic performance of the
dual rotor system with controlled imbalances was evaluated in Appendix A in detail.

Table 2. Design parameters of the dual-rotor rotordynamic test rig.

Part Parameters Values

Test rotor

Diameter 40.00 mm
Length 245 mm
Mass 1.338 kg

Material Inconel718
Moment of inertia (polar, transverse) 0.35 g-m2, 6.39 g-m2

Motor rotor
Diameter 40.00 mm
Length 237.5 mm
Mass 2.0 kg

Coupling

Beam diameter 3.00 mm
Beam length 70.00 mm

Mass 38.7 × 10-3 kg
Moment of inertia (polar, transverse) 4.45 × 10−3 g-m2, 6.82 × 10−2 g-m2

Material Titanium alloy
Lateral stiffness 1.47 × 10−4 N/m

Test bearings Geometric clearance 150 µm (adjusted with shim)
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Figure 6 shows the natural frequency test environment for a dual rotor. The dual rotor
was made in a free–free condition with a string. An accelerometer was attached to the drive
end (DE) side of the test rotor to measure the vibration response of the rotor. The impact
force applied on the rotor was measured using an impact hammer. The frequency response
function was calculated at all rotor positions by repeated measurements, as the points were
shifted.
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3.2. Modal Test and Analysis

Figure 7 shows the frequency response function measured at a particular point. The
frequency response function is an acceleration function corresponding to the ratio of the
force and acceleration response, defined as:

Hi(ω) = Aj(ω)/Fi(ω) (1)

where the subscript i represents the impact point, and j represents the response point. In
the test results, the natural frequency can be determined as the peak point at which the
response occurs significantly. Four natural frequencies are located within 3500 Hz, with
the first-order natural frequency being 15 Hz (0.9 krpm) and the second-order natural
frequency being 160 Hz (9.6 krpm). The first- and second-order natural frequencies and
the third-order natural frequencies are significantly separated, with values of 1835 Hz
(110 krpm).
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Next, the natural frequency of the dual rotor was predicted through a three-dimensional
finite element (FE) analysis in the same free–free condition as in the test. The analysis used
Modal Analysis from ANSYS Workbench 16 [20], which is a three-dimensional FE analysis
software. The key dimensions and material information of the motor rotor used in the
analysis are described in previous reports [9,21].
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Table 3 shows the first- to fourth-order natural frequencies derived from the test and
analysis, and shows the relative error. The results of the test and analysis have an error
of 5–7%, indicating that the tests and analyses were reliable. Furthermore, the analysis
at all orders has a larger value than that of the test, and its error is relatively constant.
This is judged to be a bias error that occurs when the material properties are different
from the actual ones in analysis modeling. Therefore, if the accuracy of the analysis model
is calibrated through material property adjustment, it can be inferred that model can be
calibrated up to an error of approximately 1%.

Table 3. Comparison between experimental and analysis results for natural frequencies of a dual
rotor.

Order Experiment (Hz) Analysis (Hz) Relative Error (%)

1st 15 17 6
2nd 160 172 7
3rd 1835 1931 5
4th 3187 3377 6

Figure 8 shows the mode shape at the first- to fourth-order natural frequencies derived
from the test and analysis. The test and analysis results tended to be consistent across
the board. In particular, in relatively low-order modes, such as first- and second-order
modes, the motor and the test rotor behave rigidly, and the coupling with relatively weak
stiffness deforms into a U or S shape. This is a typical dual-rotor bending mode. In addition,
higher-order modes, such as third- and fourth-order modes, result in bending modes of the
rotor itself, in which the test rotor and motor rotor deform into a U shape.
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Based on the results of the test, in the rotordynamic test, the maximum rotational
speed is limited to before the third natural frequency. This is because rotors normally
supported by gas bearings cannot support stable bearings in the rotor bending mode due
to the low stiffness of the bearings. Thus, with API 612 criteria, the separation margin (SM)
can be calculated as follows [22]:

SM =

(
126 − 6

AF − 3

)
− 100 (2)

where AF is an amplification factor of rotor vibration. In this work, the AF is assumed to
be infinitely large for a conservative approach. The SM is then calculated to be 26%, and,
when it is applied to the third natural frequency, the maximum rotational speed of the
dual-rotor rotodynamic test rig is approximately 92 krpm.

4. Rotordynamic Test
4.1. Test Methods

The performances of GFB and GFPB for bearing stability were compared under the
same conditions using a dual-rotor rotordynamic test rig.

The test bearings were journal GFB and GFPB and were mounted in the DE and
non-drive-end (NDE) positions to support the test rotor under test conditions. Because
the bearing clearance of 200 µm measured as described in Section 2 is generally a large
value, the bearing clearance was equally adjusted to 150 µm in the rotordynamics tests.
This reduced the bearing clearance by inserting a 50-µm-thick shim between the bump
foil and the bearing housing in the circumferential direction. The bearing clearance was
reduced by inserting a 50-µm- thick shim between the bump foil and the bearing housing
in the circumferential direction.

The measurement data measured the DE and NDE horizontal and vertical vibrations
of the test rotor and the vertical vibrations of the motor rotor using five eddy-current
displacement sensors. The rotational speed of the test rotor was also measured using
an optic tachometer. The test method accelerated the motor and the coast down when
subsynchronous instability was observed in the rotor vibration signal at high speed. In
particular, the rotor vibration measured during the coast down can be seen as a pure
rotordynamic vibration phenomenon without electromagnetic and noise components of
the motor.

4.2. Test Result

Figure 9 shows vertical rotor vibration signals measured when two bearings of the
test rotor were supported by the GFB and the GFPB. Subsequently, all measured vibration
signals were analyzed only in the vertical direction—the gravity direction. Both bearings
showed the first harmonic synchronous components of the rotational speed, while the
second harmonic components are negligible, which is known to mainly result from rotor
rubbing. This means that the test GFBs and GFPBs have their bearing clearances maintained
well during operations. Moreover, it can be inferred that the dual-rotor systems composed
of a motor rotor-coupling-test rotor supported on four gas bearings are well aligned.

GFB has a subsynchronous instability of approximately 135-Hz components at high
speeds, lasting up to a maximum rotational speed of 57 krpm. GFPB, however, has
subsynchronous instability from approximately 100 to 103 Hz, lasting up to a maximum
rotational speed of 80 krpm. Therefore, for both bearings, the oil whip phenomenon,
in which instability is fixed at a natural frequency, is dominant. The associated natural
frequency is judged to be 160 Hz, which is an S-shaped second-order mode.

Figure 10 indicates the frequency analysis of the vibration signals measured on the
DE and NDE sides, showing the amplitude of the 1× synchronous component relative
to the rotational speed. The amplitude value is the magnitude of pure vibration with the
runout of the rotor removed—i.e., the vibration signal measured at each rotational speed is
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represented by a vector, from which a runout vector is removed, resulting in the extraction
of the pure rotor vibration vector. Mathematically, this can be expressed as:

Zc = Z − Zo (3)

where, Zc = δce−jφc , Z = δe−jφ, and Zo = δoe−jφo . Here, Zc is the vibration with runout
removed, Z is the vibration signal measured at each rotational speed, and Zo is the runout
of the rotor. The runout of the rotor is equivalent to the vibration signal of the measured
displacement sensor, rotating the rotor at a low speed with no dynamic rotor vibration
effect [23].
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The amplitude of the synchronous component is of a similar magnitude to those of the
GFB and GFPB, especially at approximately 8.5 krpm (~142 Hz), resulting in an amplitude
of as much as 30 µm because of the critical speed. This is 20% of the bearing clearance of
150 µm, which is not considered to be a significant level of vibration affecting the system.
It can also be inferred that the two bearings do not differ in terms of stiffness near the
critical speed (~8.5 krpm). This is because the critical speed is determined by the bearing
stiffness owing to the characteristics of the rotor–gas bearing system, where the rigid mode
of the rotor mainly occurs [21]. However, the phenomenon of NDE vibration increasing
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with increasing rotational speed seems to be the effect of vibration as the rotational speed
approaches the third-order mode.

Figure 11 shows the subsynchronous amplitude and whirl frequency ratio (WFR)
of the GFB and GFPB. The WFR is the ratio of the subsynchronous frequency to the
rotational speed, which can be considered as a stability indicator. For example, a WFR
of 0.2 means that the sub-synchronous motion occurs with the frequency of 20% of the
rotational speed; stable operation without subsynchronous instability is possible up to
five times the natural frequency of the system. Note that subsynchronous instability is
known to be related to the oil-whip phenomenon occurs at a natural frequency of rotor-
bearing system [6,24]. Therefore, a smaller WFR means a higher operating speed without
subsynchronous instability given a system natural frequency.
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(b) NDE sides.

The onset subsynchronous speed (OSS) of the GFPB is approximately 53 krpm, which
is approximately 9 krpm higher than that of the GFB. Moreover, the amplitude of the
GFPB at the same speed is formed lower and is more effectively suppressed in the event of
instability. In particular, the instability of the GFPB in the NDE maintains a continuously low
amplitude up to 80 krpm. This phenomenon is attributed to the significant improvement in
the damping properties of GFPB because of the inserted polymer layer, which effectively
attenuates the instability.

Meanwhile, the WFR has a GFPB range of 0.07 to 0.12 (average of 0.1) and a GFB of
0.14 to 0.19 (average of 0.17). In other words, the GFPB is approximately 10 times and
the GFB is approximately 5.9 times, making stable driving possible without instability at
higher rotational speeds than their natural frequencies, and the stability of the GFPB is
significantly higher.

Figure 12 shows the rotational speed during coast down as a log scale. There seems to
be no difference in the rotational speeds of the two bearings, namely, the friction torque.
Therefore, the frictional properties of the bearings do not change significantly, even when a
polymer layer is inserted. In conclusion, GFPB has the same bearing friction properties as
to GFB, but it has significantly improved bearing stability, which can be used effectively to
suppress instability. In addition, near the critical speed of approximately 8.5 krpm, there is
a boundary friction or dry friction phenomenon in which the rotational speed decreases
sharply. Therefore, owing to the large friction error near the critical speed, accurate bearing
performance comparisons from Figures 9–11 are difficult.
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5. Conclusions

In this study, bearing stability was investigated experimentally by applying a GFPB
with a high-damping polymer layer inserted into a biaxial rotor system with a diameter of
40 mm and a total length of 550 mm. The results were compared with those of the GFB.

The polymer layer of the test GFPB used NBR, a type of natural rubber with excellent
damping properties at temperatures ranging from −55 ◦C to 125 ◦C. The polymer layer
was 2 mm thick and 35 mm wide. The manufactured GFPB and GFB were measured for
bearing clearance through a static load–deflection test, and both bearings had the same
clearance of 200 µm.

As a result of the dual-rotor modal test, the first- and second-order natural frequencies
were measured at 15 and 160 Hz, respectively, and the third-order natural frequency was
1835 Hz in the bending mode of the test rotor. Therefore, a separation margin of 26% was
applied to the third-order natural frequency, limiting the maximum rotational speed of the
dual-rotor rotordynamic test rig to 92 krpm.

The GFPB and GFB were applied to the test rotor by adjusting the bearing clearance to
150 µm using a shim. The GFPB instability began at 53 krpm and was stably suppressed
to 80 krpm at an amplitude of approximately 10 µm. However, the instability of the GFB
tends to start at 44 krpm and has an amplitude of approximately 13 µm at 57 krpm. This
appears to be a feature of the GFPB with improved structural damping, i.e., the GFPB
does not differ significantly in OSS compared with the GFB, but it is quite stable in the
development of instability, especially on the NDE side.

Consequently, summarizing the results of rotordynamic experiments for synchronous
and subsynchronous motions and bearing frictions in this study, GFPBs have a great
advantage in terms of stability compared to the widely used GFBs. Based on these results,
the authors of this study carefully recommend the use of GFPB as a lubricating element
for environments where rotordynamics is unstable or where the system is subjected to
shocks or periodic disturbances. Of course, the temperature conditions of the operating
environment must be suitable for the use of polymers.
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Appendix A

In this chapter, rotordynamic performance of a dual-rotor rotordynamic test rig were
evaluated with various imbalance conditions. A typical the rotor vibration by an imbalance
mass (ui) is defined as follows:

ui = me × r/Mi (A1)

where me represents the imbalance mass and r represents the imbalance location radius, Mi
represents the fraction of the rotor weight action on each bearing, i.e., the rotor vibration is
proportional to the imbalance mass.

Table A1 shows how to add an imbalance mass to the test rotor. Imbalance mass
locations were added to the DE and NDE sides of the test rotor, and the two planes were
added as in-phase and out-of-phase. Imbalanced mass sizes were 65, 140, and 215 mg.

Table A1 shows how to add an unbalanced mass to the test rotor.

Table A1. Imbalance mass parameters of the test rotor.

Imbalance Layout
Imbalance Mass (me)

DE NDE

In–phase
65 mg (0◦) 65 mg (0◦)
140 mg (0◦) 140 mg (0◦)
215 mg (0◦) 215 mg (0◦)

Out–of–phase
65 mg (0◦) 65 mg (180◦)
140 mg (0◦) 140 mg (180◦)
215 mg (0◦) 215 mg (180◦)

Figure A1 shows the results of a rotordynamic test with imbalance mass. The vibration
of the motor rotor on the MDE side, the test rotor on the NDE side, and the DE side
were measured. The vibration on the MDE side caused the same behavior, regardless
of the imbalance mass. This indicates that the motor rotor and test rotor vibrations are
decoupled due to the low stiffness of the beam type coupling. Vibrations on the NDE and
DE sides increased proportionally as the imbalance mass increased. This is the rotordynamic
performance by the general imbalance mass, as shown in Equation (A1).

On the other hand, Vibrations on the NDE and DE sides had greater levels of out
of phase than in phase. This is shown to be due to the occurrence of a cylindrical mode
when the imbalance mass is in phase, and a conical mode when the imbalance mass is
out of phase. Therefore, this dual-rotor rotordynamic test rig demonstrates stable rotor
dynamic performance. In particular, it can be seen that the decoupled effect of the motor
rotor and test rotor is excellent for analyzing the rotordynamic performance of the test rotor
according to bearing changes.
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