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Abstract: As a vital component in the valve train of internal combustion engines (ICEs), the cam/tappet
pair undergoes high mechanical and thermal loads and usually works in a mixed and boundary
lubrication regime. This leads to considerable friction loss and severe surface wear. Currently,
the applications of diamond-like carbon (DLC) coatings for automotive components are becoming
a promising strategy to reduce the friction and lower the wear. However, the practical performance of
the coating is related to many factors, including friction coefficient, thermal properties, load conditions,
and surface topography. In order to investigate these factors and successively improve the fuel
efficiency and durability of the cam/tappet pair, a comprehensive multi-physics analytical model
considering the mechanical, thermal and tribological properties of DLC coatings is established in this
paper. Simulations are carried out for the coated as well as the uncoated cam/tappet conjunctions with
different roughness at various ambient temperatures. The results show that both the fluid and asperity
contact friction for the coated cam/tappet conjunction are significantly reduced due to their favourable
characteristics. As a result, the friction loss of the coated cam/tappet pair is noticeably lower by
almost 40% than that of the uncoated, despite a slightly higher asperity contact. In addition, the wear
resistance of DLC coatings is also impressive, although the wear condition becomes progressively
more severe with the increasing ambient temperature. Moreover, the roughness has complex effects
on the friction and wear under different conditions.

Keywords: cam/tappet pair; surface coating; friction reduction; wear resistance; heavy load

1. Introduction

Mitigation of climate change has increasingly become a global consensus, in which reducing vehicle
emissions and energy consumption is of great significance. According to the statistics, the transport
of goods and people accounts for about 20% of the primary energy consumption and 23% of CO2

emissions globally, of which more than 99.9% are powered by internal combustion engines (ICEs) [1].
With the extensive promotion of battery electric vehicles (BEVs), the market share of ICE vehicles is
shrinking year by year. However, up to 2040, 75% of the automotive market will still rely upon the use
of ICEs [2]. In addition, researchers have pointed out that blind elimination of ICEs may bring adverse
effects, considering the harmful substances produced in the production and discard of batteries used
in BEVs and the pollutant emissions caused by electricity generation [3]. Recently, a study demonstrated
that the CO2 emissions of a Tesla Class 3 during its lifetime with the German energy mix ranged from
11% to 28% more than the modern Diesel E6d Temp engines [4]. Therefore, the development of ICEs is
still necessary to fight against global climate change. It is estimated that more than one-fifth of the fuel
energy in passenger cars is used to overcome friction, of which about 15% is consumed in the valve
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train [5]. As the core part of the valve train, the cam/tappet pair undergoes the highest loads in ICEs,
and its friction loss accounts for about 85% of the whole valve train [6]. Hence, the study of thermal
and tribological inefficiencies of the cam/tappet pair is imperative to improve upon fuel economy and
its service life.

There have been a fair number of theoretical and experimental studies of the cam/tappet pair.
Theoretical models are important tools for a better understanding of multi-physics tribodynamics of
cam/tappet pairs. The fundamental work in the theoretical analysis may date back to Dowson et al. [7]
in 1992, where the minimum oil film thickness of the whole cam cycle considering the influence of
the squeeze film mechanism was analyzed by a numerical method and compared with the experimental
results. However, it is known that the cam/tappet pair works in a mixed lubrication state.
Thus, Chong et al. [8] used a mixed thermo-elastohydrodynamic lubrication (TEHL) model for
the cam/tappet conjunction, while the frictional behaviour was conducted under the North American
emission testing city cycle. The results demonstrated that under the low-speed emission cycles,
the highest power losses occurred mainly when the lubricant film viscous shear was below the limiting
Eyring shear stress. Recently, Torabi et al. [9] investigated the running-in behaviour of a cam-follower,
and they pointed out that during the running-in period, the rate of flattening of surface roughness
was a crucial factor. At the same time, experimental studies for cam/tappet pairs were conducted
by researchers. To determine the friction loss of the cam/tappet pair in the whole valve train,
Teodorescu et al. [10] conducted experiments where the friction losses of the cam/tappet, valve
stem/valve guide, and sliding bearing of rocker shaft are separately measured. Green et al. [11]
explored the wear condition of valve train in real engines with contaminated lubricating oil and
obtained a group of wear data, which could be used in wear-prediction models.

To further improve the efficiency of the valve train, innovative technologies including new
mechanical designs and surface modifications play a key role. Among these, surface coating using
diamond-like carbon (DLC) by means of physical vapour deposition (PVD) and plasma-enhanced
chemical vapour deposition (PECVD) are effective. High hardness, high resistance of wear and
corrosion, chemical inertness, low friction characteristics, and thermal stability are factors that
make DLC coatings the subject of many studies and seem suitable for use in engine parts [2], hard
disk [12], and implantation of biomaterials [13]. The essential subclasses of DLC are hydrogenated
amorphous carbon (a-C:H) and hydrogen free tetrahedral amorphous carbon (ta-C). Basically, a-C:H is
an amorphous network composed of carbon and hydrogen, which consists of strongly cross-linked
carbon atoms with mainly sp2 (graphitic-like) and sp3 (diamond-like) bonds, and its properties depend
closely on the deposition process. More details about the properties and the deposition process of
a-C:H can be found in the review article [14]. Another subclass, ta-C, are hydrogen free and are
mostly (>80%) carbon, which is sp3 hybridized. The ta-C films are mainly produced from pure carbon
targets by a filtered vacuum arc, as described in the review article [15]. DLC coatings deposited
on the valve train components are already used in series productions, and investigations were carried
out to understand the effects of DLC coatings in the valve train applications on friction reduction and
anti-wear. Kano [16] in 2006 reported that super-low friction coefficients (below 0.01) in a cam and
follower test-rig and friction reductions up to 45% in motor-driven valve train tests were observed
while using ta-C coatings lubricated with the ester-containing PAO oil. Later, the influence of engine oil,
additives, temperature, and camshaft speed on efficiency improvement using a-C:H:ZrC and a-C:H:X
coatings was studied by Dobrenizki et al. [17]. Since the surface coatings can alter the tribological
and thermal behaviour of contacts [18–20], Yu et al. [21] investigated the effects of mechanical and
thermal coating properties on the cam/tappet contact under a TEHL model using numerical simulations.
They pointed out that the friction reduction could be attributed to “the thermal barrier effect”—the
coating serves as a thermal barrier increasing the contact temperature in the lubricating gap and
therefore changing the shear resistance of the oil. Marian et al. [22] focused on the effect of DLC coatings
with micro-texture. In their experiments, the solid and fluid friction force would be reduced in a wide
range of lubrication regimes when using DLC-coatings, while micro-texturing may increase the fraction
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of fluid friction. The formation of the transfer film between DLC coating and the counterpart is crucial
to protect the surface from further wear and high friction [23–25]. In the experiments conducted by
Gangopadhyay et al. [26], the results showed that in the presence of engine oil, the friction coefficient
between the DLC-coated cam/tappet conjunction was slightly higher than that observed in the absence
of the engine oil, despite significant wear resistance. Nevertheless, studies have proved the great
potential for application on components under challenging lubricating and loading conditions.

For cam/tappet pairs, the real friction and wear performance of the DLC coating is influenced
by many factors, including friction coefficient, thermal properties, load conditions, and surface
topography. In order to investigate these factors to further improve the fuel efficiency and durability
of the cam/tappet pair, a comprehensive multi-physics analytical model should be built. However, this
kind of model has not been reported hitherto. Therefore, in this paper the mechanical, thermal and
tribological properties of DLC coatings will be simultaneously incorporated in a comprehensive model,
in which the lubrication, contact, wear, thermal and roughness effects will be considered together.
Moreover, as modern engines undergo increasingly severe thermal and mechanical conditions, a much
heavier load is inevitably encountered due to compact structure, abnormal combustion and dynamic
conditions during the cam/tappet’s service life. Therefore, the DLC coating’s effect on cam/tappet pairs
under heavy loads (compared to the normal load in a gasoline engine) will also be discussed.

2. Methodological Outline

A cam/tappet pair in the valve train from a gasoline engine of passenger cars is used in the current
study. Figure 1 shows the schematic diagram of the cam/tappet pair, mainly including the cam,
the tappet, the valve spring, and the valve shaft. The analysis comprises rigid-body dynamics and
kinematics of the cam/tappet pair, a one-dimensional tribological model with appropriate rheological
functions, and a thermal analysis considering the thermal barrier effect of the coatings. The friction
and wear losses are evaluated to investigate the superiority of the DLC coating’s reduction effect under
different conditions, and the significance using DLC coatings applied in ICEs is emphasized.

Figure 1. Schematic diagram of a cam/tappet pair in the valve train.
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2.1. Kinematics and Dynamics

The sizes and parameters of the cam/tappet system are measured values for the real parts from
a gasoline engine in this study, mainly including the cam, the tappet, the valve stem and the spring
stiffness as well as its initial tension, which are listed in Table 1. Under the rotation speed of 2000 r/min for
the crankshaft, the dynamics calculation is conducted in the commercial software ANSYS Workbench,
where the inertia effect of the components is considered. The dynamics calculation yields the contact
force between the cam and tappet and tappet displacement as well as its acceleration. The acceleration
and displacement of the cam are to determine the entrainment velocity, the equivalent contact radius,
and the velocities of the contact points on the cam and tappet, by using Equations (1) to (4) [21]:

jθ =
1
ω2

d2s
dt2 (1)

us = ω(R0 + s + 2 jθ)/2 (2)

RC = R0 + s + jθ (3){
ua = ωRC
ub = −ω(R0 + s−RC)

(4)

where jθ is the geometrical acceleration, us is the entrainment velocity, RC is the equivalent contact
radius, and ua and ub are the velocities of the contact points on the cam and tappet. Figure 2 shows
the variations of the tappet displacement, the contact radius, the contact force, and the entrainment
velocity from the valve opening angle of 0 to the closing angle of 164. The maximum tappet displacement
is at the cam nose-to-tappet contact, where the cam angle is 80. The rise travel is the segment less than
80, while the return travel is the remainder. Note that there are two positions where the entrainment
velocity is zero during the rise and return travels. Thus, the lubricant film may be extremely thin
because of the absence of the entrainment effect and it will increase the risk of wear. The contact force
between the cam and the tappet is mainly generated by the spring, and the maximum contact force can
be observed near the cam nose region. However, the inertial force can be salient where the geometric
acceleration is high. Therefore, there are two peaks on both sides of the cam nose caused by the high
inertial force.

Figure 2. The kinematics and dynamics variations in a cam cycle for the tappet displacement, the contact
radius, the entrainment velocity, and the contact force.
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Table 1. Key parameters of the cam/tappet pair.

Base Circle Radius of Cam, mm Maximum Lift of Cam, mm Cam Depth, mm Spring Stiffness, N/mm Initial Tension of Spring, N

16.5 8.0041 12 16.6 172

2.2. Lubrication Analysis

The cam/tappet conjunction usually operates in mixed or even boundary lubrication state.
Thus, the lubrication analysis in this section is crucial, as it will determine the probability of direct
interaction of opposing surface asperities, which is believed to be the key factor initiating wear and
scuffing. Considering the rheology relation of the lubricant and the elastic deformation of the contacting
surfaces, the hydrodynamic pressure and film thickness distributions in the cam/tappet conjunction
are described using a one-dimensional Reynolds equation.

2.2.1. Average Reynolds Equation

The cam/tappet conjunction can be simplified as one-dimensional line contact problem, where only
the lubrication in the direction of cam rotation is considered. For the problem of mixed lubrication
between rough surfaces, the following average transient Reynolds equation is introduced to describe
the pressure distribution [27]:

∂
∂x

(
φx

ρ

12η
h3 ∂p
∂x

)
= us

(
φc
∂(ρh)
∂x

+ σ
∂φs

∂x

)
+ φc

∂(ρh)
∂t

(5)

where x is the coordinate parallel to the cam rotation direction, t is the time, p is the lubricant film
pressure, h is the film thickness, us is the entrainment velocity, σ is the composite roughness, and ρ and
η are the lubricant’s viscosity and density, which are affected by the film pressure and film temperature.
φx, φc, φs are the pressure, contact, and shear flow factors, respectively, and they can be found in Patir
and Cheng’s work [27,28].

The Reynolds boundary condition is used to solve the partial differential equation above.
The boundary conditions in the region of xs ≤ x ≤ xe can be written as:

p|x=xs = 0; p|x=xe = 0;
∂p
∂x
|x=xe = 0 (6)

where xs and xe represent the positions of the leading and trailing edges, respectively.
To solve Equation (5), the film thickness h is needed. Considering Hertzian geometry and

the elastic deformation, the film thickness between the cam and tappet can be determined as:

h = h0(t) +
x2

2R
+ v(x, t) (7)

where h0 is a constant value related to the applied load, x2

2R is the Hertzian geometry, v is the elastic
deformation generated by the pressure between the contacting surfaces.

In fact, the film thickness and pressure are coupled through the Reynolds equation, which
is an elliptic partial differential equation. On the one hand, the film pressure is determined from
the Reynolds equation, and to solve the equation, the film thickness is required. On the other hand,
the film thickness will be adjusted to reshape the pressure distribution to balance the applied load.
When the film thickness is thin enough and is comparable to the surface roughness, asperity contact
will occur. In this case (mixed lubrication), the applied load is partly supported by lubricant film and
is partly supported by the asperities on the opposing rough surfaces. The process described above will
be repeated in an iteration until the pressure is convergency and the load balance equation is satisfied.

The film thickness and pressure are both crucial to the friction calculation between the cam/tappet
conjunction. Specifically, in mixed lubrication, the friction force comprises the film shear force and
asperity contact friction. Regarding the film shear force, it is impacted both by the film thickness and
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pressure. Generally, thinner film and higher pressure-gradient will result in larger film shear force
and thus higher friction. As for the asperity contact friction, the film thickness or the gap between
the contacting surfaces will directly determine the probability of interactions among opposing surface
asperities. Thinner film will result in more severe asperity interaction and thus higher contact friction.

2.2.2. Rheology Relation

The lubricant rheological state which is susceptible to temperature and pressure has a significant
effect on fluid lubrication. The Roelands viscosity-pressure-temperature equation is adopted to predict
the viscosity variation [29]:

η = η0exp

(lnη0 + 9.67)

(1 + 5.1× 10−9p
)0.68
×

(
T − 138
T0 − 138

)−1.1

− 1


 (8)

where η0 is the initial lubricant viscosity, T is the lubricant temperature, and T0 is the ambient
temperature. The density of lubricant is also affected by the pressure and temperature [30]:

ρ = ρ0

[
1 +

0.6× 10−9p
1 + 1.7× 10−9p

+ D(T − T0)

]
(9)

where ρ0 is the initial lubricant density, and D = −0.00065K−1.

2.2.3. Elastic Deformation Calculation

The calculation method for the elastic deformation v is different, whether there is a coating layer
or not. If there is no coating, a formula based on elastic half-space theory can be used to calculate
the deformation of the isotropic substrate. The formula can be written as follows [21]:

v(x, t) = −
2

πEeq

∫ xe

xs

p(s, t) ln(s− x)2ds (10)

where Eeq is the equivalent Young’s modulus. However, when there is a coating layer, which means
the material is layered, v cannot be obtained in a straightforward manner aforementioned. In this study,
a finite element model (FEM) is employed to calculate the elastic deformation of the coating and
substrate. Based on the linear elastic theory [18], the elastic deformation of two contacting bodies can
be replaced with an equivalent model in which one of the bodies is rigid, while the other is elastic.
Furthermore, because the same substrate and coating materials are used for the cam and tappet,
Habchi et al. [31] pointed out that the equivalent mechanical properties can be determined as follows: Es, eq =

Es
2 , vs,eq = vs

Ec, eq =
Ec
2 , vc,eq = vc

(11)

where Es, Ec, vs, and vc are modulus of elasticity and Poisson’s ratio for substrates and coatings,
respectively. A cube with a side length 60 times that of the Hertzian half-contact width is sufficient to
approximate a half-space in contact problems, as being demonstrated by Chu et al. [32]. Therefore,
a square whose side length was 60 times the Hertzian half-contact width is used to approximate
the substrate, and the geometry model shown in Figure 3 is the computation object to the FEM model.
Considering the linear elasticity of the model, the elastic deformation of each point on the surface is
contributed by the pressure of all other points, and the contribution of each point per unit pressure can
be expressed by an influence coefficient, D(x′, x, t). The calculation can be stated as follows:

v(x, t) =
xe∑

x′=xs

D(x′, x, t)p(x′, t) (12)



Coatings 2020, 10, 485 7 of 25

Figure 3. The elastic deformation calculation: (a) the computation domain and boundary conditions
and (b) the FEM model in ABAQUS.

Considering the symmetry of the model with respect to the contact center, it can be clearly
concluded that D(x′, x, t) = D(−x′,−x, t), then the influence coefficients of the whole lubrication area
can be determined by applying unit pressure on the right lubrication area and outputting the elastic
deformation of every discrete point. The calculation is conducted in the commercial FEM software
ABAQUS. The elastic deformation calculation in this section is a plane strain problem, and the boundary
conditions imposed on the FEM model are:

(σ2)2 = 1
(
i = 1, or 2, . . . , or n+1

2

)
on the lubrication zone

Du = Dw = 0 on the bottom line

σz = 0 elsewhere

(13)

2.2.4. Load Balance Equation

The distributions of hydrodynamic pressure and asperity contact pressure is supposed to satisfy
the load balance equation. It can be expressed as:

W(t) =
∫

Ω

[
p(x, t) + pasp(x, t)

]
dx (14)

where W is the applied load, and pasp is the asperity contact pressure.

2.3. Asperity Contact Model

In mixed lubrication, the applied load is partly supported by the asperities on the opposing
counter rough surfaces. The contact of rough surfaces is prevalent in engineering applications,
and there are abundant models and approaches for the contact problem. Basically, there are statistical
and deterministic models. The first statistical model for the rough surface contact dates back to
the pioneering work of Greenwood and Williamson [33] (the GW model) in 1966. This classic
model is based on the Hertz solution for a single elastic spherical asperity and is mainly suitable
for pure elastic contacts. Other statistical models, like Greenwood and Tripp [34] (the GT model),
Chang-Etsion-Bogythe [35] (the CEB model), and Kogut and Etsion [36] (the KE model), consider more
contact patterns and surface parameters and, hence, provide more accurate results. Among these,
the KE model presented by Kogut and Etsion in 2003 is a finite element based elastic-plastic model and
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now widely used for the calculation of rough surface contact because of its convenience, high efficiency,
and relatively accurate results. On the other hand, the deterministic approaches consider the real
roughness distribution rather than several statistical parameters and, thus, are supposed to be more
precise. Therefore, a deterministic approach based on the minimization of the total complementary
potential energy principle proposed by Tian and Bhushan [37] is used to evaluate the contact state in this
study. This deterministic approach utilizes the variational principle, which converted the two rough
surfaces contact problem into quadratic programming in terms of solid contact pressure. Considering
the real three-dimensional distribution of surface topography, the deterministic contact analysis will
cost large computational overhead. However, with the fast Fourier transform (FFT) technique and
several developed methodologies, such as the steepest descent method [38], Newton’s method [37],
and the Fletcher–Reeves version of the conjugate gradient method [39], the deterministic approach can
be high efficiency and robust.

For the variational approach, the asperity contact pressure and the displacement can be obtained
by solving an integral equation and minimizing the value of the equation, that is, minimizing the total
complementary potential energy of the contact system. For a two-dimensional contact problem,
the integral equation can be written as [38]:

min
Hs≥pc≥0

( f ) = min
Hs≥pc≥0

(
1
2

∫ l1

0

∫ l2

0
pcudy1dy2 +

∫ l1

0

∫ l2

0
pcδcdy1dy2) (15)

where y1 and y2 are the local coordinates of roughness, l1 and l2 are the roughness measurement
length, u is the normal displacement, δc is the clearance between the undeformed surfaces, and pc

is the asperity contact pressure. The normal displacement u under a given contact pressure can be
determined as [37]:

u(y1, y2) =
1
πE′

∫ +∞

−∞

∫ +∞

−∞

pc(ξ, ς)√
(y1 − ξ)

2 + (y2 − ς)
2

dξdς (16)

Then the average contact pressure pasp can be calculated as:

pasp =

∫ l1
0

∫ l2
0 pcdy1dy2

l1l2
(17)

In this study, two surface topographies with different roughness are measured using a Keyence
VK-X100/X200 3D laser-scanning confocal microscope (see Figure 4) and the parameters are listed
in Table 2. A detailed analysis of the two measured surfaces can be found in Appendix A. The variations
of the average contact pressure versus the separation of the contact surfaces using the KE model
and the deterministic approach are shown in Figure 5. As can be seen that the calculation results
using these two methods have similar tendencies. However, there are still some significant differences
between them. Note that the roughness distribution is assumed as Gaussian distribution in the KE
model, but the surface topography is not Gaussian in most cases. As a result, there are unneglectable
limitations in the KE model, as shown in this section, and the maximum relative error is about 8.2%.
Therefore, the deterministic results are adopted in this study.

Table 2. The roughness parameters for the two measured surfaces.

Parameter Surface 1 Surface 2 Unit

Root mean square height, σ 0.165 0.2517 µm
Kurtosis, sku 10.6186 23.0696 -
Skewness, ssk 2.5958 −1.0278 -

Density of asperities, ηα 0.4545 0.6224 µm−2

Arithmetic mean asperity curvature, β 0.8521 0.4972 µm−1
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Figure 4. The two measured surface topographies with different roughness.

Figure 5. The variations of the average contact pressure versus the separation of the contact surfaces
using the KE model and the deterministic approach.

2.4. Thermal Analysis

In the cam/tappet conjunction, the heat generated by viscous shear and compression of the lubricant
as well as by the contact force of the asperities is partly carried away through lubricant convection
and partly by conduction through the coatings and further transmitted to the substrates (see Figure 6).
In this process, the temperature of the film will increase significantly, and successively affect the viscosity
and density and then impact the pressure distribution of the lubricant film. It is a strong coupling
relationship. In this paper, the energy equations are used to describe the aforementioned thermal
process. The temperature distributions can be obtained by solving the energy equations of the lubricant
film and the coatings as well as the substrates and simultaneously integrating the heat flux continuity
equations of the lubricant–coating and coating– substrate interfaces.
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Figure 6. Schematics of the thermal model for the cam/tappet pair.

2.4.1. Lubricant Energy Equation

A two-dimensional energy equation is applied for the thermal analysis of the lubricant.
Since the film is so thin between the contacting surfaces, it is assumed the heat convection in the film
thickness direction (z direction) and the heat conduction in the moving direction (x direction) can be
neglected [40]. It is noteworthy that in mix elastohydrodynamic lubrication, besides the viscous and
compression heat of the lubricant, the contribution generated by asperity contact is considerable and
should also be included in the energy equation [41]. After these simplifications and ignoring the heat
radiation, the energy equation of the lubricant film can be written as:

c
(
ρ
∂T
∂t

+ ρu
∂T
∂x
− ρw

∂T
∂z

)
− k

∂2T
∂z2 =

T
ρ

∂ρ

∂T
(
∂p
∂t

+ u
∂p
∂x

) + η(
∂u
∂z

)
2
+
µasppasp|ua − ub|

h
(18)

where c is the specific heat of the lubricant, k is the thermal conductivity of the lubricant, and u and w
are the velocities of the control volumes in x and z directions, respectively. The left terms in the equation
are the heat convection and heat conduction, and the right terms are the compression heat, viscous
heat, and asperity contact heat, respectively.

Note that in the lubricant energy equation it is assumed the heat convection in film thickness
direction (z direction) is neglected. This assumption is convincing when the film is rather thin.
Fortunately, for most friction pairs operating under hydrodynamics lubrication, the lubrication film
between contacting surfaces is in micro-scale or submicro-scale. Therefore, this assumption is valid for
these friction pairs, including the cam/tappet pair.
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To solve Equation (18), the velocities u and w are required, and they can be determined as follows:
u = ua +

∂P
∂x

∫ z
0

z
ηdz−

∫ h
0

z
η dz∫ h

0
1
η dz

∫ z
0

dz
η

+ ub−ua∫ h
0

1
η dz

∫ z
0

dz
η

w = − ∂
∂t (

∫ z
0 ρdz) − ∂

∂x (
∫ z

0 ρudz)

(19)

where ua and ub are the velocities of the cam and tappet, respectively.

2.4.2. Substrate and Coating Energy Equations

In the process of solving Equation (18), the surface temperature of the cam and tappet is crucial.
As shown in Figure 6, in the cam/tappet conjunction, the heat is partly carried out by the flowing
lubricant, whilst the rest is transferred by heat conduction through the contact surfaces. The heat
conduction will affect the surface temperature, while the change of the surface temperature will also
affect the lubricant temperature in turn. Based on the work of Yang et al. [40], the temperature of
the coatings and substrates can be determined by the following equations:

caρa(
∂T
∂t + ua

∂T
∂x ) = ka

∂2T
∂z2

a

cacρac(
∂T
∂t + ua

∂T
∂x ) = kac

∂2T
∂z2

ac

cbcρbc(
∂T
∂t + ub

∂T
∂x ) = kbc

∂2T
∂z2

bc

cbρb(
∂T
∂t + ub

∂T
∂x ) = kb

∂2T
∂z2

b

(20)

where c, ρ, k are the specific heat capacity, density and thermal conductivity, and the subscripts a, b, ac,
bc represent the substrates and coatings of the cam and tappet, respectively.

2.4.3. Heat Flux Continuity Equations

On the lubricant-coating and substrate-coating interfaces, the heat flux continuity equations must
be satisfied. These equations can be expressed as follows:

kac
∂T
∂zac
|zac=0 = ka

∂T
∂za
|za=3.15b

kac
∂T
∂zac
|zac=tc = k ∂T

∂z |z=0

kbc
∂T
∂zbc
|zbc=0 = k ∂T

∂z |z=h

kbc
∂T
∂zbc
|zbc=tc = kb

∂T
∂zb
|zb=0

(21)

2.4.4. Boundary Conditions

Wang et al. [42] pointed out that a depth of 3.15 times the Hertzian half-contact width is sufficient
to ensure a zero temperature gradient at the boundaries of the substrates, as shown in Figure 6.
It should be noted that when ub < 0, the boundary conditions on the surfaces in the leading and trailing
regions will be reversed:
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T(x, za, t)|x = xs = T0

T(x, zac, t)|x = xs = T0

T(x, zb, t)|x = xs = T0, ub ≥ 0

T(x, zbc, t)|x = xs = T0, ub ≥ 0

T(x, zb, t)|x = xe = T0, ub < 0

T(x, zbc, t)|x = xe = T0, ub < 0

T(x, za, t)|za = 0 = T0

T(x, zb, t)|zb = 3.15bmax = T0

(22)

2.5. Friction Loss and Wear Evaluation

In the mixed lubrication, the total friction is the superposition of the lubricant viscous friction and
the asperity contact friction:

f = fvisco + fasp (23)

where f , fvisco and fasp are the total friction, the lubricant viscous friction, and the asperity contact
friction, respectively. In the flowing fluid, the shear force and friction force due to the viscosity can be
calculated as follows [38]:  τ =

(
φ f + φ f s

)η(ua−ub)
h + φ f p

h
2
∂p
∂x

fvisco = L
∫ xe

xs
τdx

(24)

where τ is the shear force, L is the cam thickness, and φ f , φ f s, as well as φ f p are the flow factors which
can be found in Patir and Cheng’s work [28]. Note that Eyring shear stress, τ0, determines the shear
threshold for non-Newtonian behaviour of the lubricant. Moreover, the friction due to the interacting
asperities can be determined as:

fasp = L
∫ xe

xs

µasppaspdx (25)

where µasp is the friction coefficient of the dry contact surface. Note that the friction coefficients of
the coated surface and uncoated surface are quite different. The friction coefficient of the DLC-coated
surface is lower than 0.1 [24,43]. Consequently, the friction work W f in mixed lubrication can be
written as follows:

W f =

∫ T

0
f |ua − ub|dt (26)

Surface wear is mainly affected by the material properties of the friction pair and the working
conditions of the tribology system. Researchers have proposed a large number of theoretical and
empirical models on wear to reveal the relationship between wear and internal as well as external
factors [44,45]. Among these models, the Archard wear model is widely accepted, and it is considered
to be simple but also reasonable.

According to the Archard model, the wear depth is related to the normal load, the sliding distance,
and the material hardness. In mixed lubrication, the normal load is sharing both by the lubricant film
and the contacting asperities. Surface wear will merely emerge in the asperity contact region, and,
thus, the Archard model can be written as follows [45]:

hwear = KW
pasp

H
S (27)

where hwear is the wear depth, pasp is the asperity load, H is the material hardness, S is the slide distance,
and KW is the wear coefficient, which is essential for wear calculation and can be found in wear
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experiments [25,46]. Because the wear process is transient, using Equation (28), the wear depth at each
time step can be rewritten as follows:

∆hwear = KW
pasp

H
∆S (28)

Therefore, the current wear depth can be estimated by accumulating the wear of every step before.
The wear coefficient is thought to be constant in the whole running process [45]. However,

it may vary with the operating conditions [44,45]. Nevertheless, the present paper puts a greater focus
on the comparison between the coated and uncoated cam/tappet pairs on friction reduction and wear
resistance. It is sufficient to show the priority of DLC coatings on wear resistance under the same
operation condition.

3. Results and Discussion

The coating in Reference [20] is an industrial hydrogen containing DLC coating (a-C:H) widely
applied in gasoline engines and it is deposited on the substrate by means of plasma enhanced chemical
vapour deposition (PECVD). The mechanical and thermal properties of the coating in Reference [20]
and the substrates which are standard uncoated cam and tappet from the gasoline engine are listed
in Table 3. Table 4 provides the rheological properties of the lubricant at the reference temperatures,
and the effective density and viscosity values are predicted at the operating temperatures and pressures
using Equations (7) and (8).

Table 3. The mechanical/thermal properties of substrate material and the coating layer.

Parameters Value Unit

Young’s modulus of substrates, Es 210 GPa
Poisson ratio of substrates, vs 0.3 -

Young’s modulus of coatings, Ec 305 GPa
Poisson ratio of coatings, vc 0.3 -

Coating thickness, tc 4 µm
Density of substrates, ρa,b 7850 Kg/m3

Density of coatings, ρc 3500 Kg/m3

Specific heat of substrates, ca,b 470 J/(kg·K)
Specific heat of coatings, cac,bc 200 J/(kg·K)

Thermal conductivity of substrates, ka,b 46 W/(m·K)
Thermal conductivity of coatings, kac,bc 5 W/(m·K)

Table 4. The lubricant rheological parameters.

Parameters Value Unit

Viscosity of lubricant at 313 K, η0 0.01 Pa·s
Density of lubricant at 313 K, ρ0 875 Kg/m3

Specific heat of lubricant, c 2000 J/(kg·K)
Thermal conductivity of lubricant, k 0.14 W/(m·K)

Thermal expansion coefficient, α 6.5× 10−4 K−1

To study the DLC coatings’ reduction effect under different conditions, the simulations are carried
out at various ambient temperatures. Different ambient temperatures from 40 C to 100 C correspond
to different engine operation stages. A lower temperature corresponds to the engine at the starting
phase, while a higher temperature may represent the steady state stage. Moreover, the DLC coatings’
effect under a much heavier-load condition whose contact force is 10 times the normal load shown
in Figure 2 is discussed in this paper. The methodology adapted in this study has already been
validated in [18,21,22].



Coatings 2020, 10, 485 14 of 25

3.1. Normal-Load Conditions

At the operating temperature of 40 C, the lubrication state of the cam/tappet pair changes
dramatically in a cam cycle and is closely related to whether there is a coating layer and its surface
roughness. Figure 7 shows the predicted variations with cam angle for the minimum film thickness,
the maximum film pressure, the maximum temperature of the lubricant, and the asperity contact area
ratio in the cam/tappet conjunction. It can be seen that the curve of film thickness (Figure 7a) has
the same tendency with that of entrainment velocity (Figure 2), where the minimum values are located
at the cam angles of 37.5 and 124.5 corresponding to the zero entrainment velocity positions. The film
thickness is comparable to the asperity heights during the cam cycle, and consequently, a mixed regime
of lubrication is dominant. The film pressure variations are shown in Figure 8b, and the trend of
which is basically determined by the contact force (Figure 2). The maximum hydrodynamic pressure is
larger than 0.4 GPa, which will generate considerable surface deformation and high friction. The film
temperature (Figure 7c) shows analogous variations with the hydrodynamic pressure, especially
in the cam nose region. In addition, the variations of the asperity contact area ratio (Figure 7d)
demonstrate that the cam/tappet conjunction runs mainly under mixed and even boundary lubrication
state and the asperity contact ratio may exceed 5%. It can be seen that the asperity contact is directly
related to the entrainment velocity. Lower entrainment velocity results in thinner film and thus
a more severe asperity contact. Among these results above, the most significant effect of DLC coatings
is on lubricant temperature. The results with DLC coatings show higher film temperature due to
the ‘low thermal inertia’ characteristic defined by Habchi et al. [18], which means the DLC coating layer
can effectively insulate the heat transfer from the film and serve as a thermal barrier and thus leading
to higher film temperature. Subsequently, the film thickness with DLC coatings is slightly thinner
because of the higher temperature and its thermal film shear thinning effect. However, in the mixed
lubrication with such a thin film thickness, the lubricant film shear thinning with temperature is
marginal and the difference between the coated and uncoated surfaces in film thickness is quite small.
The mechanical characteristics of the coating layer can alter the hydrodynamic pressure, as shown
in Figure 7b. According to Habchi et al. [18] as well as Yu et al. [21], because of the high elastic modulus
of DLC coatings, for the same load, the surface elastic deformation will be lower, which will reduce
the film thickness, and successively increase the oil film pressure. The impact of surface roughness is
mainly reflected on the asperity contact ratio, as shown in Figure 7d. In the cases with larger roughness,
there are more asperities in contact, thus the applied load is more borne by asperities. It will decrease
the film bearing ratio, and the hydrodynamic pressure will also be lower accordingly.

The anti-friction effect of coatings on friction pairs by altering the tribological and thermal
behaviour of contacts is mainly reflected in two aspects. On the one hand, according to Hauert [23]
and Kim et al. [43], the friction coefficient of the DLC-coated surface is lower than that of the uncoated,
and the transfer layer formed between the interacting surfaces can greatly reduce the solid friction.
On the other hand, the thermal properties of DLC coatings make them perform a favourable thermal
isolation characteristic. The heat transfer from the film to the contiguous contacting surfaces is hindered,
thus the temperature of the film is significantly higher than that of the uncoated, leading to lower
lubricant viscosity and shear force. More detailed explanations can be found in the literature [19,20].
Figure 8 shows the predicted variations with cam angle for the asperity contact friction, the fluid friction,
and the total friction in the cam/tappet conjunction. The variation of asperity friction in Figure 8a
is in line with the asperity contact ratio (Figure 7d). Although lubricant film shear thinning with
temperature exacerbates asperity friction, the asperity friction with DLC coatings is still much lower
than that without coatings due to their desirable friction coefficient. In addition, surfaces with higher
roughness result in larger contact ratio and thus more considerable asperity contact friction. The gap
between coated and uncoated surfaces in fluid friction shown in Figure 8b can be attributed to
the aforementioned ‘thermal barrier effect’, while in contrast to the asperity friction, the fluid friction
decreases with surface roughness. This is because the hydrodynamic pressure is weakened when
the surface roughness is larger (as shown in Figure 7b). Figure 8c shows the combined effects of viscous
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and asperity friction contributions during a cam cycle. Overall, the total friction for DLC-coated
surfaces is significantly lower than that for uncoated surfaces, and as the asperity contact dominates
the friction in cam tappet conjunctions under the normal load, the total friction will increase with
surface roughness.

Figure 7. Variations of the lubrication state during a cam cycle under the normal load: (a) the minimum
film thickness, (b) the maximum film pressure, (c) the maximum temperature of the lubricant,
and (d) the asperity contact area ratio.

Figure 8. Frictional variations during a cam cycle under the normal load: (a) asperity contact friction,
(b) fluid friction, and (c) total friction.



Coatings 2020, 10, 485 16 of 25

Figure 9 shows the friction works in the cam/tappet conjunction with different surface conditions
at various ambient temperatures during a cam cycle, comprising the consumption of fluid friction and
asperity contact friction. It can be seen that the friction work for each surface condition is consistent
with the total friction force (shown in Figure 8c), specifically, the friction work for the coated surface is
significantly reduced by about 40%, compared with that for the uncoated. Asperity friction consumes
the majority of the total friction loss in these cases, which continuously increases in transition from
medium to high ambient temperature phase. During the extra high-temperature phase, asperity
interactions are at their most severe state, leading to the highest friction work. This can be attributed
to the formation of slightly thinner lubricant film, exacerbating the extent of asperity interactions.
Regarding the friction work consumed by fluid friction, it reduces with ambient temperature due to
the decreasing lubricant viscosity. At the ambient temperature of 100 C, the fluid friction loss merely
accounts for a minor part of the total work. Similar results are shown in the experiments conducted by
Dobrenizki et al. [17].

Figure 9. The friction work for different surface conditions at various ambient temperatures in a cam
cycle under the normal load.

DLC coatings display prominent superiority in wear resistance in the cam/tappet conjunction.
As shown in Figure 10, the wear volume of coated surfaces is far less than that of uncoated surfaces,
despite a higher asperity contact shown in Figure 7d. According to the Archard wear model, this can
be mainly attributed to DLC coatings’ high hardness and low wear coefficient. The transfer layer
formed between the DLC coating and the counterpart can protect the surface from further wear,
as demonstrated in the literature [23–25]. Besides, DLC has been shown to effectively improve
the wear performance of high-pressure elastohydrodynamic contacts by preventing the high stresses
from penetrating into the substrate material [47]. Surface wear is directly related to the asperity
contact pressure. As a consequence, in cases with higher roughness, the wear condition is more
severe. It is noteworthy that with the increase of the ambient temperature, the surface wear becomes
increasingly severe, which is due to the increasing asperity contact and the weakening bear capacity of
the lubricant.
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Figure 10. The wear volume for different surface conditions at various ambient temperatures in a cam
cycle under the normal load.

3.2. Heavy-Load Conditions

As modern engines undergo increasingly severe thermal and mechanical conditions, a much
heavier load is inevitably encountered due to the compact structure, abnormal combustion and dynamic
conditions during running. Figure 11 shows the predicted variations with cam angle for the minimum
film thickness, the maximum film pressure, the maximum temperature of the lubricant, and the asperity
contact area ratio under heavy-load conditions. Compared with the normal load in the last section,
the results for the heavy load show a similar variation trend, but their numerical values have changed
substantially. Owing to the much heavier load, the lubricant film is further squeezed and becomes
thinner, and the minimum film thickness in the cam nose region shown in Figure 11a is lower than
40 nm. Correspondingly, Figure 11b shows that the maximum hydrodynamic pressure may exceed
1.8 GPa, which will bring dramatic pressure-viscosity effect and result in a sharp increase in lubricant
viscosity. However, under such high pressure, more friction heat will be generated, leading to a higher
lubricant temperature, and the maximum oil film temperature may reach 540 k (shown in Figure 11c).
It will also bring strong temperature-viscosity effect and cause a significant decrease in the lubricant
viscosity. The lubricant viscosity is both susceptible to the pressure and temperature in a highly
nonlinear way (Equation (7)), and the viscosity distribution in a whole cam cycle will be demonstrated
and discussed in detail below. In addition, the asperity contact ratio is also higher due to the thinner
film thickness (Figure 11d).

According to the frictional variation with cam angle under the heavy load (shown in Figure 12),
both the fluid friction and asperity friction are greatly increased, among which the increase of fluid
friction is quite noticeable. Under the heavy load, the results of these two frictions for the coated
surface are significantly lower than those for the uncoated surface, indicating that the anti-friction effect
of DLC coatings is still valid. Interestingly, by contrast with the cases in the last section, the maximum
fluid friction under the much heavier load emerges in the vicinity of cam angle of 37.5, and it is much
larger than that in the cam nose region. It can be seen from Equation (25) that the viscosity is essential
for the fluid friction calculation. While the viscosity itself is affected by the non-linear effect of
pressure and temperature simultaneously, which shows a comprehensive relationship. Therefore,
it is necessary to investigate the lubricant viscosity variation during a whole cam cycle. Figure 13
manifests the distributions of the lubricant viscosity in x-direction from −2 to 2 during a whole cam
cycle for each surface condition at various ambient temperatures. The high viscosity region is mainly
concentrated in the Hertz contact region (from –1 to 1 in x-direction), and the variation of viscosity
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in a cam cycle is in line with the fluid friction. Specifically, the highest viscosity also appears near
the cam angle of 37.5 and is much larger than that in the cam nose region. Considering the variations
of pressure and temperature in Figure 11, although the hydrodynamic pressure in the cam nose region
is larger than others, leading to a significant pressure-viscosity effect. The lubricant temperature in this
region is also the highest, which initiates a strong thermal effect and reduces the lubricant viscosity
successively. However, near the cam angle of 37.5, the hydrodynamic pressure is relatively high
accompanying a mild lubricant temperature, resulting in the highest lubricant viscosity, which exceeds
4 Pa·s. Therefore, under the combined pressure-temperature-viscosity effect in a highly non-linear way,
the viscosity distribution in Figure 14 is obtained. On the other hand, with the increase of the ambient
temperature, the temperature-viscosity effect near the cam angle of 37.5 is gradually dominant.
As the lubricant viscosity declines rapidly, the viscosity near the cam angle of 37.5 is increasingly
close to that in the cam nose region. Overall, the variation of the fluid friction in a cam cycle is highly
consistent with its viscosity, and under the non-linear effect among pressure, temperature, and viscosity,
it presents a complex pattern. In addition, the lubricant viscosity for the coated surface is significantly
lower than that for the uncoated due to its higher temperature, which also reveals the mechanism of
the DLC coating’s reduction effect on fluid friction, as demonstrated in the literature [19,20].

Figure 11. Variations of the lubrication state during a cam cycle under the heavy load: (a) the minimum
film thickness, (b) the maximum film pressure, (c) the maximum temperature of the lubricant,
and (d) the asperity contact area ratio.
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Figure 12. Frictional variations during a cam cycle under the heavy load: (a) asperity contact friction,
(b) fluid friction, and (c) total friction.

Figure 13. The lubricant viscosity distributions at various ambient temperatures during a cam cycle
under the heavy load: (a1)–(a4) coated surfaces with 0.165 µm roughness, (b1)–(b4) coated surfaces
with 0.257 µm roughness, (c1)–(c4) uncoated surfaces with 0.165 µm roughness, and (d1)–(d4) uncoated
surfaces with 0.257 µm roughness.
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Figure 14. The friction work for different surface conditions at various ambient temperatures in a cam
cycle under the heavy load.

In the cases under the heavy load, the friction work in the cam/tappet conjunction with DLC
coatings during a whole cam cycle is significantly reduced by up to 45% (Figure 14), compared with
the uncoated cases. Consistent with the normal-load condition, as the ambient temperature increases,
the fluid friction consumption shrinks continuously, while the asperity friction consumption manifests
an expanding trend. The total friction consumption, which is lower at a higher ambient temperature,
shows an opposite behaviour with the normal-load cases. This is because the fluid friction consumption
accounts for a large proportion in these cases, and it is highly susceptible to the increasing ambient
temperature and will decline significantly. Therefore, although the asperity friction consumption will
increase to a certain extent, the total friction loss will decrease with the increasing ambient temperature.
However, at high ambient temperature phase, the decrease of total friction consumption becomes
minor and, predictably, it will start to increase as asperity friction gradually dominates at further
higher ambient temperature. It is noteworthy that when the surface roughness increases from 0.165 µm
to 0.257 µm at mild ambient temperature, the total friction consumption declines. The applied load
is borne more by the asperities for rougher surfaces, resulting in lower hydrodynamic pressure
(Figure 11b). Therefore, the viscosity and fluid friction, as well as total friction consumption, will
decrease accordingly. However, when the ambient temperature is raised to 100 C, the situation is
reversed due to the dominant asperity contact.

Under the heavy load, the wear condition (Figure 15) is similar to the cases in the last section,
where DLC coatings show superior anti-wear characteristics with a greatly reduced wear volume.
Also, the wear volume presents a positive correlation with the ambient temperature and surface
roughness. However, under the heavy load the wear volume is more than twice that under the normal
load, and it is predictable that the wear durability will be much shorter accordingly. It is noteworthy
that under the heavy load for cam/tappet conjunctions, the asperity contact ratio will inevitably increase
substantially. At the cam angle of 124.5 in particular, the asperity contact area ratio exceeds 10%
(Figure 11), which is noticeably higher than others. It may be triggered by the zero-entrainment velocity
associating with a relatively low lubricant viscosity (Figure 13). However, in the presence of coatings,
the friction force and the wear loss of the interacting surfaces are greatly reduced. From this point of
view, DLC coatings can also depress the risk of surface failures in friction pairs under heavy loads,
such as scuffing.
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Figure 15. The wear volume for different surface conditions at various ambient temperatures in a cam
cycle under the heavy load.

4. Conclusions

More than 75% of the automotive market will still rely on ICEs by 2040 in their traditional role or
as a part of a hybrid power train, and coating technology will play a key role in efficiency improvement
and emission reduction. A comprehensive multi-physics analytical model of the cam/tappet pairs is
developed in this paper, integrating the mechanical, thermal and tribological properties of the DLC
coating. The friction coefficient, thermal and load conditions, and surface topography of the DLC
coating, which are essential to its practical performance, are investigated. Moreover, considering
the more and more severe operating conditions of modern engines, a much heavier-load condition for
cam/tappet pairs is discussed. The results can be concluded as follows:

1. The anti-friction effect of coatings is mainly reflected in two aspects. On the one hand, the fluid
friction for the coated surface is reduced due to its low thermal inertia, which services as a thermal
barrier and results in high lubricant temperature and low shear force. Moreover, the asperity
contact friction for the coated surface is also lower owing to its favourable friction coefficient,
despite a slightly higher asperity contact.

2. The friction loss during a cam cycle of the coated cam/tappet is noticeably decreased by almost
40%. With the rising ambient temperature, the friction loss increases gradually, where the fluid
friction consumption shrinks continuously, while the asperity friction consumption manifests
an expanding trend.

3. The wear volume of the coated surface is substantially lower than that of the uncoated, which can
be attributed to its high hardness and low wear coefficient. Besides, higher ambient temperature
and roughness will result in more severe wear volume.

4. The friction reduction and wear-resistance effect of coatings on cam/tappet pairs under a much
heavier load are still valid, and a reduced friction loss up to 45% is achieved in the coated
cases. However, the total friction consumption is decreased when the ambient temperature rises
from 40 C to 100 C. The wear volume is more than twice that under the normal load, and thus
it is predictable that the wear durability will be much shorter.
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Nomenclature

T0 Ambient temperature (K)
c Specific heat of lubricant (J/(kg·K))
ca,b, cac,bc Specific heat of substrates and coatings (J/(kg·K))
d Clearance between the rough surfaces (µm)
D Influence coefficient
Es, Ec Modulus of elasticity for substrates and coatings (GPa)
f , fvisco, fasp Total, lubricant viscous, and asperity contact friction (N)
h Film thickness (m)
hwear Wear depth (m)
H Hardness (GPa)
jθ geometrical acceleration (m)
k Thermal conductivity of lubricant W/(m K)
ka,b, kac,bc Thermal conductivity of substrates and coatings W/(m·K)
KW Wear coefficient
L Cm thickness (m)
p Film pressure (Pa)
pasp Asperity contact pressure (Pa)
R0 Base circle radius of cam (m)
RC Equivalent contact radius (m)
s Cam lift (m)
sku Kurtosis
ssk Skewness
S Slide distance (m)
t Time (s)
T Lubricant temperature (K)
u, w Velocities of the control volumes in x and z directions (m/s)
ua, ub Velocities of the cam and tappet (m/s)
us Entrainment velocity (m/s)
v Elastic deformation of surfaces (m)
vs, vc Poisson’s ratio for substrates and coatings
w f Friction work (J)
W Applied load (N/m)
x Coordinate in rolling direction
xs, xe Leading and trailing edges
z Coordinate in film thickness direction
α Thermal expansion coefficient, (K−1)
β Arithmetic mean asperity curvature (µm−1)
δ Root mean square height (µm)
η Lubricant viscosity (Pa·s)
η0 Initial lubricant viscosity (Pa·s)
ηa Density of asperities (µm−2)
µasp friction coefficient of the dry contact surface
ρ Lubricant density (kg/m3)
ρ0 Initial lubricant density (kg/m3)
ρa,b, ρc Substrates and coatings density (kg/m3)
σ Root mean square height (µm)
σc, Composite roughness (µm)
τ Viscous shear force (Pa)
φx, φc, φs,
φ f , φ f s, φ f p

Flow factors

ω Angular velocity of the cam (rad/s)
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Appendix A

For the evaluation of surface topography, the standard roughness parameters, Ra and Rq, are widely used.
Ra and Rq of surface 2 are larger than those of surface1, which means the former is relatively rougher than the latter
(Figure 4). However, these two parameters cannot describe the topography sufficiently. It was shown how two
completely different surfaces can show similar, or even the same, values of the standard roughness parameters
and vice versa [48]. According to the height distribution of asperities, rough surfaces can be categorized into
the Gaussian and non-Gaussian surfaces. Rough surfaces are mostly non-Gaussian in nature [49], including these
two measured surfaces. In order to quantify the non-Gaussian aspect of rough surfaces, additional roughness
parameters, such as skewness (ssk; Equation (A1)) and kurtosis (sku; Equation (A2)), are necessary.

ssk =

∫
∞

−∞
δ3φ(δ)dδ

σ3 (A1)

sku =

∫
∞

−∞
δ4φ(δ)dδ

σ4
(A2)

Skewness is sensitive to occasional deep valleys or high peaks in the profile because it measures the symmetry
of the variation in a profile about its mean line. A symmetrical height distribution is reflected in zero
skewness, whereas positive skewness such as turned surfaces have fairly high spikes that protrude above
a flatter average. Negative skewness such as porous surfaces have fairly deep valleys in a smoother plateau
(Figure A1). The skewnesses of surface 1 and surface 2 (Table 2) are 0.4545 and −1.0278, respectively. It means
the roughness spike of surface 1 is rather high, while on the contrary, the roughness valley of surface 2 is relatively
deep (Figure 4). In addition, kurtosis describes the probability density sharpness of the profile. Surfaces with
relatively few high peaks and low valleys are reflected in a kurtosis of less than 3, whereas a kurtosis value of
more than 3 indicates many high peaks and low valleys ([50]; Figure A1). The kurtosises of surface 1 and surface
2 (Table 2) are both more than 3, and the latter (23.0696) is noticeably larger than the former (10.6186), which
means surface 2 is much sharper than surface1 (Figure 4).

Figure A1. Schematic presentation of roughness profiles for (a) positive and negative skewness and
(b) kurtosis lower and higher than 3.
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